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ABSTRACT 
This paper describes a multi-evaporator vapor compression model capable of simulating the dynamic 
behaviour of transport refrigeration systems. A discrete multi-zone control volume approach is utilised for modelling 
the condenser and evaporators. All other major refrigeration components including compressor, expansion valves, 
receiver, pressure-regulating valves are modeled using time-dependent differential equations. The model is 
implemented using MATLAB. Component models are validated individually and are then combined to give an 
overall system model. Overall model predictions are further validated using experimental data obtained from a 




C:  compressor clearance factor     ∆P:  pressure ratio across the compressor (Pa) 
mr: refrigerant mass flow rate PD: piston displacement (m) 
N: compressor speed (rpm) νsuc:  specific volume before the inlet port (m3/kg) 
Nc: number of compressor cylinders νdis:  specific volume after the inlet port (m3/kg) 





Multi-temperature or multi-evaporator vapour compression systems are used in transport refrigeration units 
where independent cooling of two or three compartments within a single trailer is required (see Figure 1). Multi-
temperature systems are based on the use of separate parallel evaporators in conjunction with a single condenser unit 
to provide temperature control of different payloads. Payloads may vary from deep frozen produce maintained at –
29oC, to chilled produce maintained at +2oC, to dry produce maintained at +10oC. Furthermore, there is an 
expectation of payload flexibility through the amalgamation of compartments that can vary according to operational 
requirements. 
With increased emphasis on safety and traceability associated with all stages of the food production chain, 
transport refrigeration manufacturers are being increasingly required to provide more sophisticated systems to ensure 
better temperature and capacity control in refrigeration systems [Panozzo 1999]. This is particularly challenging in 
multi-temperature units where a strong interdependency exists between evaporators. One approach by which this 
objective can be achieved is by the development of real-time control systems capable of maintaining container 
temperatures and capacities to within desired limits throughout a transportation operation irrespective of external or 
internal fluctuations[IIR 1995]. A necessary and integral stage associated with this objective is the development of 
simulation models that will facilitate evaluation of any potential control strategies. 
To date, there is little evidence in the published literature of work that has dealt directly with modelling of 
multi-temperature vapour compression systems in transport refrigeration applications. However, there are a number 
of related projects which are relevant to the current work. Jolly describes a steady state mathematical model of a 
single evaporator refrigeration system in a shipping container that facilitates simulation under normal-design 
conditions of its thermal performance [Jolly 2000]. Ibrahim describes a mathematical model which examines 
evaporator response characteristics subject to sudden changes in external parameters for a single evaporator 
refrigerator which utilised a thermostatic expansion valve. Considerable instability was observed, indicating the 
inability of thermostatic valves to respond adequately to the changes in operating parameters [Ibrahim 2001]. Koury 
describes a numerical model of a variable speed refrigeration system where steady state models are used to simulate 




DEVELOPMENT OF THE MATHEMATICAL MODEL 
 
A transient multi-zone discrete control volume approach is utilised for modelling the condenser and 
evaporators. An schematic representation of the mathematical model is given in Figure 2 All other major 
refrigeration components including compressor, expansion valves, receivers, pressure-regulating valves are modeled 
using time-dependent differential equations. The model is implemented using MATLAB. Component models are 
individually validated and are then combined to give an overall system model. Overall model predictions are 
validated using experimental data obtained from a purpose-built multi-evaporator test rig. 
 
Compressor Model 
A semi-empirical approach to modelling of the reciprocating compressor is exploited by combining gas law 
principles with technical specifications [Popovic, 1995]. By utilising the manufacturer’s specification for the 
clearance factor (C), the following expression for the volumetric efficiency (ηvol) can be written as a function of the 
suction (Psuc) and discharge pressures (Pdis): 
      ( )[ ] [ ] PPC-C1 dissucnsucdisvol νν+=η −                                                     (1) 
Minimisation of the error between predicted and experimental refrigerant flow rates gave the following relation for 
the polytropic exponent (n): 
P03.05.1n ∆−=                                                                                      (2)  
The refrigerant mass flow rate (mr) can be subsequently calculated as follows: 
           ( ) 3600N P Nm volDcr η=                                                                          (3)  
Condenser 
The liquid receiver and condenser are combined for modelling purposes and are analysed using two independent 
zones based separate treatment of desuperheating and saturation/subcooling as indicated in Figure 2. Each zone is 
modeled using a lumped parameter approach based on analysis of heat transfer from the refrigerant to the coolant 
through the condenser wall. All notation is given in Figure 2.  
 
Desuperheating Zone 
An energy balance can be applied to the desuperheating zone (Vcsu) as follows: 
0Qhmhm csu31r31r3r3r =−−                                               (4) 
The heat transfer associated with desuperheating (Qcsu) can be determined from the following relation:   
 )TT(Cp.mQ 31r3rr3rcsu −=                                                                            (5) 
The area required for desuperheating (Acsu) can be estimated given that the total condenser area (Atotal) is constant:   
      ( )( )wcsu31r3rcsucsucsu TTT5.0hQA −+=                              (6)                             
Saturated Zone 
Considering the saturated/subcooled zone (Vcsz), an energy balance for the refrigerant gives: 
0Qhmhm csz32r32r31r31r =−−                                                           (7) 
If the mass flow rate into (mr31) and out of (mr32) of the saturated/subcooled zone is assumed to be equal, an energy 
balance for the condenser wall zone gives: 
dt
dTCMQQ mcszpmmcsz1cwcsz =−                                                                     (8) 
Liquid Receiver 
The liquid receiver stores refrigerant charge not in use at any given system operating condition. The following mass 







−=−=         (9  & 10) 
Condenser Cooling Water 
The mass flow rate of cooling water entering and leaving the cooling water zone are assumed equal. Applying an 
energy balance equation to this zone gives the following relation: 
         ( )
dt
dT
cMQQTTcm Vcwpwcw2cw1cwVcw1cpwcw =++−                                 (11) 
Thermostatic Expansion Valve (TEV) 
A first order model that assumes the valve opening is a function of evaporator superheat was used: 
 P2AC  mand
Tc





suset-suorificeorifice ∆ρ=+−=                (12 & 13) 
where Tsu-set is the thermostatic valve superheat (TEV) setting, Aorifice is the valve orifice area (m2), Cd the discharge 
coefficient and TcTEV  is the time constant for the TEV. This is a modification to the approach adopted by Shiming, 
where the rate of change of refrigerant mass flow rate is expressed directly in terms of refrigerant superheat 
[Shiming, 2000].   
Evaporator 
A two zone approach based on separate saturated and superheated zones is utilised to model each evaporator 
(designated evaporator A and B in Figure 2). As with the condenser, each zone is modeled using a lumped parameter 
approach based on heat transfer from the secondary refrigerant (water/glycol mixture) to the refrigerant through the 
heat exchanger wall.  
  
Saturated Refrigerant Zone  
The two phase refrigerant (mr5) leaving the thermostatic expansion device (TEV) is modeled as two separate 
streams, a saturated liquid stream (mr51) and a saturated vapour stream (mr52).   The saturated liquid stream is treated 
independently and enters the saturated liquid zone (Vesz), where it is evaporated before entering the superheated 
vapor zone (Vesu). The magnitude of the heat transfer (Qe1) from the secondary fluid via the evaporator wall, 
determines the rate of refrigerant evaporation that is occurring (mr53). This evaporating stream is assumed to mix 
with the vapor (Ver) entering directly from the expansion process (mr52). Applying the continuity equation after the 
expansion valve for evaporator A gives: 
A5rA5rA52rA52rA51rA5r mxmandmmm =+=                             (14 & 15) 








=                                                                              (16) 
For the saturated zone, an energy balance yields: 
)TT(AQ eszAA2emeszAeszAeszA −α=                                                                (17) 
where αezA is the convective heat transfer coefficient for evaporator A.   
 





+−=−=       (18 & 19) 
Superheated Refrigerant Zone 
For the superheated zone, thermal capacity and mass storage for the vapor zone are considered to be negligible. 
Applying a mass and energy balances gives: 
A54rA54rA53rA53rA52rA52rA54rA53rA52r hmhmhmandmmm =+=+              (20 & 21) 
Refrigerant enters the superheated zone (Vesu) as a saturated vapor (mr54) and exits as a superheated vapor (mr6). The 
following relations are applied:  
              0Qhmhmandmm A1erA6rA6rA54rA54rA6rA54r =+−=                   (22 & 23) 







TTTAQ A54rA6rA1emesuAesuAesuA                                                         (24) 
 
Secondary Circuits 
1.5 and 3 kW heating elements installed in each secondary circuit provide the source of thermal loading for each 
evaporating circuit. Applying the conservation of energy to the ethylene glycol solution in the heater generates a 
first order ordinary differential equation expressed in terms of Tsc2A as given below. Starting from an initial known 
temperature, secondary fluid temperatures in both the evaporator and heaters are calculated at every time step using 
an Eulerian integration approach. Heat transfer to the secondary fluid occurs at temperature TVea1, and the mass of 
fluid in this zone remains constant.  
( )
dt
dTCpMQQTTcm A1VeaethglyA1VeaA2eaA1eaA3scA2scpethglyscA =−−−                 (25)                 
 
Refrigerant (R404A) Properties 
Thermodynamic properties of the refrigerant are determined using the Peng-Robinson-Stryjek-Vera (PRSV) 
equations of state. Refrigerant data was created independently using the PRSV relations for R404A and incorporated 
into the multi-evaporator simulation model as a refrigerant property database. Retrieval routines are utilised within 
the MATLAB programming environment which requires any two of the following properties; pressure, temperature, 




DESCRIPTION OF THE MULTI-EVAPORATOR TEST RIG 
 
An experimental multi-evaporator test was designed and constructed to act as a validation source for the simulation 
model.  Refrigerant compression is achieved by means of either a capacity regulated reciprocating compressor or a 
scroll compressor. A watercooled plate condenser and three parallel evaporator circuits are utilised. Each evaporator 
circuit is based on a plate heat exchanger and is controlled using a choice of three expansion valves; a conventional 
thermostatic valve (TEV), a stepper motor controlled valve (SEV) and a pulse modulated valve (EEV). Evaporator 
loading is provided using ethylene glycol secondary refrigerant circuits. Heating elements capable of providing 
either a 1.5, 3 or 4.5 kW load can be applied to each evaporator.   
 
 
MODEL VALIDATION AND MULTI-EVAPORATOR RESULTS 
 
Not accounting for the refrigerant property relations, the multi-evaporator model developed in this work reduces to 
fifty nine equations, nineteen of which are first order ordinary differential equations. The model was implemented 
using MATLAB and an Eulerian integration approach is utilised to solve the differential equations. Model validation 
is conducted by comparing predicted with experimental results obtained from a custom-built multi-evaporator 
refrigeration test rig. Validation is carried out under two typical operating condition scenarios; (a) under single 
evaporator mode - transient characteristics associated with start-up and non-uniform disturbances and, (b) under 
multi-evaporator operation - system transient response as a result of application of a load disturbance to a single 
evaporator.   
 
Single evaporator modeling  and experimental validation 
Starting from initial conditions (20ºC ambient temperature, evaporating pressure 60 kPa, condensing 
pressures 1080 kPa), Figures 3 to 6 present experimental and modeled results for a single evaporator system for 
conditions associated with initial start-up transients and the application of an evaporator step load of 1.5kW at 1000 
seconds. Figure 3 displays predicted and experimental ethylene glycol temperatures of the secondary circuit. The 
step load of 1.5 kW is observed to cause a first order rise in glycol temperature from –31oC to –23oC. The modeled 
rise time of approximately 300 seconds closely tracks the experimental data. Modeled and experimental temperature 
values match to within ±0.5oC within that period. As a result of the increased evaporator load at 1000 seconds, the 
mean temperature difference between the saturated refrigerant and the glycol increases, resulting in an increase in 
saturation pressure as indicated in Figure 4 (5.7). Pre-disturbance, the experimentally record pressure is 128 kPa and 
the corresponding modeled value is 114 kPa. At time 2400 seconds, the experimental evaporator pressure settles at 
150kPa whereas the modeled value under predicts pressure with a resultant value of approximately 132 kPa. 
Experimental and predicted evaporator superheats are presented in Figure 5. Increased evaporator loading results in 
a larger superheat with an associated thermostatic expansion valve time lag evident. At time 2400 seconds when 
steady state has been reached, the experimental superheat value is 20.3ºC and the modeled value is 19.4ºC 
representing a 4% steady state error. Figure 6 compares predicted and experimental refrigerant mass flowrates. At 
time prior to 1000 seconds, experimental and modeled flowrates are 16.1 and 19 g/s respectively and these increase 
to 29 and 25.3 g/s by time 2400 seconds. Examination of Figure 7 indicates the occurrence of a decrease in liquid 
line refrigerant density between 500 and 1500 seconds. An associated decrease in mass flowrate is observed to 
accompany the density change indicating the presence of liquid line flashing, which is not predicted in the modeled 
results. 
 
Multi-evaporator modeling and validation 
Multi-evaporator results are presented in Figures 8 to 12. In all tests, the first 150 seconds represent steady 
state operating conditions with each evaporator subject to a 3 kW load. An additional 1.5 kW load is applied to 
evaporator 1 at time 150 seconds. Figure 8 shows a comparison between the recorded ethylene glycol temperature 
and the predicted values for evaporators 1 and 2. A maximum relative error of 2.5% exists in the predicted ethylene 
glycol temperature until time 150 seconds for both evaporators. At time 1050 seconds, the steady state error in 
predicted ethylene glycol temperature is 8% for evaporator 1 and 0.5% for evaporator 2. Although the increase in 
evaporating temperature is expected for Evaporator 1 due to the extra loading, the reason for the increase in ethylene 
glycol temperature in the second evaporator is caused by reduced refrigerant mass flow rate in the wake of the load 
change applied to evaporator 1 (see Figure 10). Figure 9 compares the experimental and modeled superheats in both 
evaporators. A steady state relative error of 0.25% and 7% exist in the predicted superheats for Evaporator 1 and 2 
respectively prior to the step increase in evaporator 1 loading. At time 1050 seconds, the steady state relative error in 
evaporator 1 and 2 predicted superheat values are 6% and 9% respectively. Figures 10 and 11 display experimental 
and predicted refrigerant flow rates and condensing pressures. Overall liquid line refrigeant flow rates are observed 
to increase as a result of the load increase. It is observed that the model provides good prediction of the condensing 
pressure in response to a step load change. Initially under steady state conditions, there is a 0.1% relative error in the 
predicted condensing pressure and this increases to 0.5% at time 1050 seconds. Condensing pressure increases after 
the step load change to evaporator 1 as a result of the increased mass flow rate of refrigerant through, and thus 
loading of, the condenser. Figure 12 indicates experimental and predicted pressures for both evaporators before and 




This paper describes a model of a multi-evaporator vapor compression refrigeration system which was implemented 
using the MATLAB programming environment. The system components modeled are a reciprocating compressor, 
thermostatic expansion valves, plate evaporators, evaporating pressure regulator valves, suction accumulator, shell 
and tube condenser and liquid line receiver.  The model has been validated using data obtained from a specially 
designed multi-evaporator rig. Both steady state and transient operating conditions were examined during the 
validation process and the predicted and experimental results correlate well. The value of the model has been 
illustrated by its ability to simulate both steady state and transient multi-evaporator system operation. Its ability to 
capture transient operation is important as it is expected to form the basis for a transport refrigeration design and 
assessment tool.    
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A surface area (m2)
Cp specific heat capacity (J/kgK)
M mass (kg)
Q heat transfer (W)
T temperature (C)
V volume  (m3)
h enthalpy (kJ/kg)





















Figure 3  Experimental and predicted glycol temperatures 


















































Evaporator Pressure Experimental Evaporator Pressure Modelled
Evaporator Load 
Figure 4  Experimental and predicted pressures 






















Figure 5  Experimental and predicted evaporator superheat 
during single evaporator  pull-down and step change.
Figure 6  Experimental and predicted refrigerant flow 




























Evap1 Glycol Temp Expt Evap1 Glycol Temp Model
Evap2 Glycol Temp Expt Evap2 Glycol Temp Model

















Superheat Experimental Superheat Model Evaporator Load 
Figure 8  Modeled and experimental ethylene glycol 















Massflow liqu id  line  exp. Massflow liqu id  line  mode l Massflow Evap2 model
Massflow Evap1 model Evaporator1  Load Evaporator2  Load
Figure 10  Modeled and experimental refrigerant flow 
















Evaporator 1 experimental Evaporator 1 modelled
Evaporator 2 experimental Evaporator 2 modelled
Suction pressure experimental Suction pressure modelled
Evaporator1 Load Evaporator2 Load
Figure 12  Modeled and experimental evaporating 
















Condenser Pressure experimental Condenser Pressure modelled
Liquid Line Pressure experimental Evaporator1 Load
Evaporator2 Load
Figure 11  Modeled and experimental condensing 
pressure during multi-evaporator load change.
Figure 9  Experimental and predicted evaporator 













Superheat evap 1 experiment Superheat evap 1 model
Superheat evap 2 experiment Superheat evap 2 model
Evaporator1 Load Evaporator2 Load
Figure 7  Condenser and liquid line pressures during 

















P condenser experimental P condenser modelled
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